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Abstract—From detailed experimental measurements on commercial reciprocating chillers, the loss mech-
anisms that dominate chiller performance can be identified, quantified and incorporated into a general
irreversible thermodynamic model for predicting chiller behavior. The data can also be used to demonstrate
the weaknesses and inaccuracies of a host of endoreversibie chiller models that have been presented, where
the primary sources of internal dissipation have been ignored. We quantitatively establish the dominant
contributions to chiller performance of internal irreversibilities, such as fluid friction in the compressor and
evaporator, and of finite-rate heat transfer at the heat exchangers. Heat leaks are measured experimentally
and shown to be close to negligible. The empirical wisdom that has evolved in the commercial production of
reciprocating chillers, namely, that rated capacity operation corresponds to near maximum efficiency, is
explained in terms of a general thermodynamic model. Taking account of constraints of heat exchanger size
and cost, we use experimental data to show that simple thermodynamic modeling can account for the optimal
designs that are produced by the chiller industry. Copyright © 1996 Elsevier Science Ltd.

1. INTRODUCTION

In this paper, two issues are addressed that are fun-
damental to understanding the operation and ther-
modynamic performance of chillers:

(1) identification and quantitative evaluation of the
primary irreversibility mechanisms, such that key per-
formance variables can be evaluated accurately from
first principles and

(2) revealing the empirical wisdom that has evolved
in the design of commercial chillers, in terms of their
nominal rated operating points corresponding to
maximume-efficiency operation.

By the rubric chillers, we refer to general cooling
devices, often alternatively referred to as refrigeration
units and heat pumps. Our attention is restricted to
reciprocating chillers (see Fig. 1 for a schematic diag-
ram), which represent the overwhelming majority of
chiller installations and cooling energy consumption
in the world. We aspire to cast the problem in as
general a thermodynamic framework as possible, in

+On sabbatical leave from: Center for Energy and
Environmental Physics, Jacob Blaustein Institute for Desert
Research, Ben-Gurion University of the Negev, Sede Boger
Campus 84990, Israel, and The Pearistone Center for Aero-
nautical Engineering Studies, Department of Mechanical
Engineering, Ben-Gurion University of the Negev, Beersheva
84105, Israel. Author to whom correspondence should be
addressed.

the spirit of recently-published universal thermo-
dynamic models for a range of chiller types, including
reciprocating chillers [1-3].

The first objective is of practical interest for a num-
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Fig. 1. Schematic diagram of water-cooled reciprocating chil-
ler (heat pump), in which the directions of flow of refrigerant,
coolant and energy are indicated.
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NOMENCLATURE
C coolant specific heat conciseness of notation in equations
COP  coefficient of performance (chiller 5)—-(7)
cooling capacity divided by Q% rate of heat leak from the compressor
compressor input power) shell to ambient
E heat exchanger effectiveness AS,,,  chiller internal entropy generation,
K constant total thermal inventory due primarily to fluid friction
defined in equation (9) losses in non-isentropic compression
m coolant mass flow rate and expansion
QO.na  rate of heat rejection at the condenser T...a refrigerant temperature at the
loss,  rate of heat leak from hot refrigerant condenser
to ambient at the condenser in «  condenser coolant inlet temperature
Qevp  rate of heat absorbed at the T..p  refrigerant temperature at the
evaporator = cooling capacity evaporator
L‘iffp rate of heat leak from ambient to the TL‘;ap evaporator coolant inlet temperature
cold refrigerant at the evaporator w electrical power input to the
Qe defined as QIS5 — Qo — QW for Compressor.

ber of reasons. First, identification of the principal loss
mechanisms enables the designer to pinpoint areas
for improvement and to find problems quickly when
performance degradation occurs. The two major irre-
versibilities are fluid friction (in the compressor and
expansion device), and heat transfer (at the heat
exchangers). The former disfavors low cooling rates,
while the latter militates against high cooling rates. A
point of maximum chiller Coefficient Of Performance
(COP) is implied (see Fig. 2) and, in practical chiller
design, should fall near the maximum cooling
capacity, which is dictated by mechanical and material
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Fig. 2. Characteristic chiller curve, a plot of 1/COP against
1/(cooling capacity), at fixed coolant temperatures, for the
water-cooled reciprocating chiller reported in [4]. Chiller
variables are listed in Table 1. The upper-most curve is cal-
culated with equation (5), based on experimental measure-
ments. The single point shown corresponds to test conditions
with the same water temperatures at condenser inlet and
evaporator inlet. Chillers are usually designed to have
maximum cooling capacity close to this point. The two lower
curves are calculated from the pure endoreversible chiller
model ( finite-rate heat transfer being the sole irreversibility),
and from an endoreversible chiller model with heat leaks,
where the heat exchanger and heat leak thermal conductance
have been measured experimentally (i.e. no adjustable par-
ameters).

constraints. (COP is defined as cooling capacity
divided by input power.) Furthermore, the kind of
detailed measurements and energy bookkeeping
presented here has not, to the best of the authors’
knowledge, been offered within the framework of
general thermodynamic modeling.

Second, manufacturer catalog data are usually not
extensive enough to permit evaluations of the type
offered here. With the experimental measurements
reported here, we can confirm the contributions of
each principal irreversibility source to chiller per-
formance, and ascertain the validity of basic ther-
modynamic modeling procedures.

Third, the general theoretical models that have
emerged from a finite-time thermodynamics approach
have, for the most part, omitted the modeling of the
largest irreversibilities. Consequently, their pre-
dictions stand in dramatic contrast to actual exper-
imental performance data for chillers. Quite a few
studies published to date [5-16] propose the endo-
reversible chiller as a model for real chillers ; a system
in which the only irreversibility mechanism is finite-
rate heat transfer. As will be demonstrated quan-
titatively in Section 3, the predictions of the endo-
reversible chiller model are not only qualitatively
incorrect, in that they indicate that chiller COP should
uniformly decrease as cooling capacity increases, but
they are quantitatively deficient in that predicted chil-
ler COPs are much larger than actual experimental
values.

Fourth, there is value in using theoretical models to
correlate performance data, as shown in [1, 17],
because such correlations can be used to estimate the
cooling requirements of proposed installations.

Endoreversible chiller models supplemented with
heat leaks have also been proposed [7, 17-19], their
virtue being a prediction of a point of maximum COP,
as opposed to the pure endoreversible model where
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COP increases monotonically to its maximum Carnot
value in the limit of vanishing cooling capacity. In
[7, 17], this type of chiller model was intended for
cryogenic refrigerators, where heat leaks are often con-
siderable. However, as we will establish in Section 3,
these modified models still fail to capture the principal
loss mechanisms associated with internal entropy gen-
eration in commercial reciprocating chillers, and hence
offer predictions that are distant from reality. By
inserting experimentally-measured heat leak and heat
exchanger values, we show that the predictions of
these models are far different than actual chiller per-
formance. The reason is simply their having ignored
the irreversibilities that dominate chiller performance :
fluid friction in the compressor, throttling in the evap-
orator and de-superheating in the condenser, in short,
internal sources of entropy generation.

The second objective will help to place the empirical
realities of commercial chiller development within the
framework of general irreversible thermodynamic
models. Maximum cooling capacity is usually dictated
by mechanical and material constraints. However
chiller COP and its dependence on cooling rate derive
from properties of individual chiller components that
represent a broad range of design options. Best results
are obtained when maximum cooling capacity cor-
responds approximately to maximum COP. We will
show that this is the situation to which chiller design
has empirically evolved.

2. BASIC THERMODYNAMIC ELEMENTS OF
CHILLER PERFORMANCE

A general thermodynamic model will now be
derived, which will guide the selection of experimental
measurements and their interpretation. We adopt the
same general approach as in the universal ther-
modynamic chiller models developed in [1-3]. We
focus attention on the steady-state cyclic operation
of the chiller (schematic in Fig. 1); transients are
neglected. All energy flows cited below are defined as
positive, and refer to cycle-averaged values (and are
hence in watts). From the first law of thermodynamics
and the fact that the change in the internal energy
of the chiller refrigerant is zero for a cyclic process
(internal energy being a state function), one obtains:

Qcond + Ic‘())srfd - (Qevap + Qle?lzsp) - ( w— Q{;J/SS) =0
(n
where

Q.one = rate of heat rejection at the condenser
los = rate of heat leak from the refrigerant to ambi-
ent at the condenser ;
Q..p = rate of heat absorbed at the evaporator
= cooling capacity ;
toss = rate of heat leak from ambient to the refriger-
ant at the evaporator;

W = electrical power input to the compressor and
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Q% = rate of heat leak from the compressor shell
to ambient.

Since entropy is also a state function, its net change
over the cycle is also zero. We divide contributions to
the entropy into those stemming from heat transfer
(at the condenser and evaporator) and those due to
internal dissipation, so that one obtains:

Qcond + Q{:?)s:d Qevap + QL(z,s:p
- —AS, =0 (2
Tcond Tevap ‘ ( )

where T4 and T.,,, are the refrigerant temperatures
at the condenser and evaporator, respectively, and
AS,, represents internal dissipation due to non-isen-
tropic compression and expansion over the cycle. In
equation (2), heat transfer need not be viewed as
occurring isothermally; rather the refrigerant tem-
peratures represent their process-average values,
specifically, the ratio of enthalpy change to entropy
change during heat exchange [20]. We have also
viewed the dissipation due to pressure drop in the
condenser and evaporator as negligible, so that heat
transfer at each stage can be equated to the change in
the enthalpy of the refrigerant.

Next, we relate refrigerant temperatures to fluid
coolant temperatures, for which we invoke the energy
balance relations at the heat exchangers [21]:

Qcond = (mCE)cnnd(Tcond - nr:)nd) (3)
Qevap = (mCE)evap(Tgap - Tevap) (4)

where m = mass flow rate ; C = coolant specific heat ;
E = heat exchanger effectiveness; T, = condenser
coolant inlet temperature and Tw,, = evaporator
coolant inlet temperature. Combining equations (1)—
(4) and eliminating the refrigerant temperatures in
favor of the more readily measured coolant tem-
peratures, one obtains an analytic formula for COP as
a function of cooling capacity, coolant temperatures,
heat exchanger characteristics, heat leak terms, and
internal losses AS,,. The characteristic chiller curve
is conveniently expressed as 1/COP as a function of

1/Qevap:

i los: 1
chr(l)ndASint + Q\%ﬁs - e(i/sasp
Qevap

1/COP =< —1+

n
cond
loss

evap Qevap
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ASin Q';’“}
+ 1+
(m CE) cond l’ Qevap

1 ASint
(mCE)cond
loss -1
1 + evap}

l: Qevap (5)
(mCE) [ﬁ'iap 1 }
m cond TN

¢ Qevap (mCE)evap

where for conciseness of notation, we have defined
OF* = 0%, — 012k - 0% ©

Figures 2 and 3 include sample plots of equation
(5), and show the basic performance features: (a) a
(linear) regime at relatively low cooling capacity,
where chiller behavior is dominated by internal losses ;
(b) a region at relatively high cooling capacity where
heat transfer is the key bottleneck and COP changes
rapidly with cooling rate and (c) a point of maximum
COP at the optimal balance between internal dis-
sipation and heat transfer losses.

For many chiller types, such as centrifugal, ther-
moelectric and others, much of the characteristic
chiller curve shown in Fig. 2 can be accessed exper-
imentally [3]. For reciprocating chillers, however,
once one fixes the coolant temperatures, only a single
point can be measured for a given (theoretical) curve.
For different coolant temperatures, each performance
point corresponds to a different curve, as illustrated
in Figs. 2-4. The theoretical curves correspond to
varying cooling capacity by changing refrigerant tem-
peratures (at fixed coolant temperatures). They are a

based on measured and calcutated data
from our own wate led reci ing chiller

experimental measurement
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Fig. 3. Characteristic chiller performance curve, for our own

water-cooled reciprocating chiller. Chiller variables are listed

in Table 2. The upper-most curve is calculated with equation

(5), based on experimental measurements. The single

point shown corresponds to standard rated operating
conditions [26].
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hypothetical construct that illustrates the nature of
chiller operation and shows where actual operating
points lie relative to maximum-COP operation.

In the limiting case of no internal losses (AS;,, = 0),
one obtains the results for the endoreversible chiller
with heat leaks :

Q lv(:/ss —_)loss
evap
+ ==

1/COP = { —1
Qevap
.cnond
loss
eva) Qeva
o] 14 5| | Lo —
l: Qevap 72:‘\‘/2\1) . 1
Qevap (mCE)evap
loss loss loss £y loss
1+ evap+Qs + Qs 2Qevap
n Qevap Qevap
( C E,) I: ;:‘:)nd 1 ]
m con T
¢ Qevap (MCE)evap
loss -1
1+ evapil
{ Qevap
1— D

7 ]
mC con —°eva
(mCE) d[Qm (mCE)evaJ

and when the heat leaks are ignored, the simple endo-
reversible formula emerges :

in
cond

1/JCOP = { — 1+ — Qe
Tap 1
Qevap (mCE)evaP
1
+ -
(m C E) l: cx:md _ 1 :|
cond Qevap (mCE)evap
] —1
1= . . (8
P T
m comx SN
N Qewp  (MCE)ersy

These curves are also shown in Figs. 2 and 3.

3. EXPERIMENTAL MEASUREMENTS FOR
WATER-COOLED CHILLERS

3.1. Measured data

Two water-cooled reciprocating chillers, typical of
currently-available commercial chillers, are taken as
representative examples. One source of data is taken
from the experimental study of Liang and Kuehn [4],
the data of which are summarized in Table 1. These
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Table 1. Measured and calculated data for the water-to-water heat
pump, as reported in [4]

Chiller variable

Measured value

Refrigerant

Refrigerant mass flow rate
Electrical power input to compressor
Heat leak from compressor to ambient
Condenser water inlet temperature
Evaporator water inlet temperature

Cooling capacity
1/COP

Freon R-22
0.0414kgs™'
1.99 kW
0.08 kW
9.33°C
9.28°C
7.56 kW
0.263

Refrigerant thermodynamic properties at the six states indicated in Fig. 1 (from [4])

Measured Calculated
Specific Specific Specific
Pressure Temperature enthalpy entropy volume
State [MPa] [K] (kI kg™ '] kI kg™' K71 [m®kg~']
1 0.9268 293.8 103.19 0.4172 0.00083
2 0.4367 269.2 103.19 0.4234 0.00823
3 0.4254 273.8 285.64 1.1032 0.05635
4 0.3964 271.8 289.03 1.1218 0.06209
5 1.0480 352.3 335.19 1.1831 0.02937
6 1.0411 347.7 331.66 1.1736 0.02905

data translate into a single point on the chiller per-
formance curve in Fig. 2.

The other data are measurements in our exper-
imental chiller facility at the National University of
Singapore. Details of the chiller and of our exper-
imental procedures have been reported in [22-25]. As
a brief summary, we note that heat leaks from exposed
piping were determined from measurements of
refrigerant mass flow rate and changes in specific
enthalpy (enthalpy being computed from pressure and
temperature measurements). Heat leaks at the insu-
lated heat sxchangers were computed from the differ-
ence in the enthalpy changes of the refrigerant and the
coolant. Since the heat leaks at the condenser and
evaporator are relatively small, and since they are
obtained from differences in absolute enthalpy, the
uncertainty in their measurement is high, relative to
their absolute values, as is evident from the figures
listed in Table 2.

Our own data are listed in Table 2, including exper-
imental uncertainties. The measured point at standard
rated operating conditions [26] is shown in Fig. 3
along with the corresponding performance curve. Sev-
eral of our measured points, each on its own charac-
teristic chiller curve, are shown in Figs. 3 and 4. Both
our chiller and the chiller reported in [4] are relatively
small (between 7 and 13 KW cooling capacity), with
significantly different COPs that stem mainly from
large differences in the relative contribution of internal
dissipation.

Note that all coolant temperatures, heat exchanger
properties, flow rates, and heat leaks have been mea-
sured directly. Internal entropy generation AS,, was
computed from the entropy difference between the

condenser and the evaporator by using simultaneous
measurements of the refrigerant’s pressure, tem-
perature and flow rates.

3.2. Implications for chiller operating range and ther-
modynamic models

We have calculated the chiller performance curves
with equation (5) and plotted them in Figs. 2—4. The
fact that data points lie exactly on the predicted curves
is not a test of theoretical predictions. Rather it is
simply a confirmation of the accuracy of the exper-
imental measurements and the fact that all energy
flows have been accounted for in equation (1). It is
the entropy-balance equation (2) [and the final result
of equation (5) that derives from it} that determines
where along the chiller performance curve the opera-
ting points lie.

In light of the plethora of endoreversible ther-
modynamic models proposed for chillers, including
those which include heat leaks, we used the exper-
imental measurements to generate the chiller curves
that correspond to a pure endoreversible chiller, and
to the endoreversible chiller with heat leaks. These
curves are shown for each of the two reciprocating
chillers in Figs. 2 and 3. Note that these calculated
curves involve no adjustable parameters. The com-
parison between the data-based chiller curves and the
curves based on the endoreversible models clearly
indicates the dominant contribution of internal losses
to chiller COP, at least for realistic chiller operating
conditions. Finite-rate heat transfer by itself (the pure
endoreversible model) is an important element, but
inadequate as a complete model for real chillers. The
introduction of heat leaks in principle gives rise to a
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based on measured and calculated data
from our own water-cooled reciprocating chiller
(see Table 2 for 6 experimental points shown here)

A in 0
solid points: Tm"d =23.9°C

open points: T " =35.0°C

1/COP

0.25 + T T T T T T T T
0.04 0.05 0.06 0.07 0.08 0.09 0.10 0.11 0.12 0.13 0.14

1/{cooling capacity) = 1/Q, KW

Fig. 4. Characteristic chiller plots for six sets of coolant

temperatures, for our own water-cooled chiller. Chiller vari-

ables are listed in Table 2. Each measured point lies on a

separate curve which is calculated with equation (5) and

based on experimental measurements. Note that in each

instance chiller performance is close to its maximum-COP
point.

maximum COP point. However, for actual heat leak
values, the predicted maximum COP point is so far
from the actual one, and at such high values of COP,
as to render these chiller models untenable.

The curves in Figs. 2-4 provide a quantitative view
of the contribution of the key loss mechanisms to
chiller performance, and how they vary with operating
conditions. Heat transfer and fluid friction are the
dominant factors, the former growing increasingly
important at high cooling rates and the latter being
significant at low cooling rates. Heat leaks play a
negligible role. Furthermore, it is easy to evaluate how
a given alteration of heat exchanger, compressor or
throttling characteristics will modify chiller COP as
well as the part of the performance curve on which
the chiller operates.

These curves are also revealing in that they point to
the empirical wisdom embedded in the evolution of
commercial reciprocating chillers. Specifically, these
chillers have been developed so that their nominal
maximum-capacity operating point is around the
maximum COP point (the minimum in the curves in
Figs 2-4). The extremum is a broad one. Around
the maximum-COP point, chiller performance is more
tolerant to changes in cooling capacity on the low-
cooling-rate side. Hence one would expect chiller
design to accommodate a range of operating con-
ditions delow maximum capacity that fall to the right
of the maximum COP point in Figs. 2-4. This is
exactly what is observed.

4. CONSTRAINED CHILLER OPTIMIZATION FOR
LIMITED HEAT EXCHANGER SIZE

4.1. Water-cooled chillers

The chiller’s thermal inventory [(mCE)..a and
(mCE).,,, in equations (3) and (4)] is an expensive
commodity. Higher (mCE) values ensure higher
COPs, but increase heat exchanger size and pumping
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costs. As noted above, commercial reciprocating chil-
lers appear to be built for an operating range where
internal losses are balanced against the thermal inven-
tory bottleneck. Therefore chiller COP will not be
insensitive to changes in heat exchanger size or coolant
flow rates.

To illustrate how the thermodynamic model cited
above can be used to determine the component par-
ameters for maximum-COP performance when prac-
tical cost constraints are introduced, we consider the
chiller’s total thermal inventory as a design constraint
[27], namely

(MCE)copa + (MCE),.,, = constant = K. (9)

Earlier studies of the impact of the constraint of fixed
total heat exchanger thermal conductance or fixed
total heat exchanger size include [5, 17, 28], although
no comparisons with actual chiller constructions were
attempted.

The predictions of equation (5), subject to equation
(9) are plotted in Fig. 5, a three-dimensional plot
of 1/COP as a function of 1/(cooling capacity) and
evaporator thermal inventory. The standard rating
point of our water-cooled chiller is also shown, and
attests to chiller design being rather close to the cal-
culated optimum.

In this study, all the variables in equation (5) and
(9) have been measured. Hence we can compare actual
chiller designs against the results of the constrained
optimization calculation. The relevant figures are
summarized in Table 3 for the two water-cooled chil-
lers analyzed. The maximum-COP operating con-
ditions have been calculated from our model by apply-
ing to equations (5)

0(COP)/0(Qevap) = 0 (10)
and
HCOP)/d(MCE)eys, = 0 (11
subject to the limiting inequality
Qevap < (MCE)eyup Tevap {K— (MCE)erap
—~ASL {K=ASy).  (12)

The results cited in Table 3 appear to confirm that
commercial chiller design has evolved toward the con-
ditions that emerge from our constrained ther-
modynamic optimization calculation.

4.2. Severely-constrained optimal designs: air-cooled
chillers

For water-cooled chillers, both the evaporator and
condenser heat exchangers are situated in the same
location, with little if any space constraints (beyond
the cost of the heat exchanger). A practical and more
severely-constrained device is the commercial air-to-
air *split” chiller unit [29]. The condenser and com-
pressor are placed outdoors. The evaporator (direct
expansion cooling coil) is housed in the indoor unit,
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where space is often at a premium. When the indoor
occupancy space is a major constraint, the chiller
design would impose the evaporator’s thermal inven-
tory (rather than the fotal thermal inventory) as a
constraint. Namely, the size of the fan coil would be
selected, and the design cooling capacity would then
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Fig. 5. Three-dimensional graph that illustrates identification of the constrained maximum-COP design

conditions when the limitation of fixed total heat exchanger thermal inventory is imposed. 1/COP is

plotted against 1/(cooling capacity) and against the evaporator’s thermal inventory, for our water-cooled

reciprocating chiller, the experimentally-measured variables of which are listed in Table 2. The darkened
point indicates the standard rated operating point, which is close to the calculated optimum.

be modified to a nominally sub-optimal value in order
to accommodate the new size limitation. The question
then is determination of optimal operating conditions
for this differently-constrained situation.

Chiller experimental data, and the results of our
constrained optimization calculations, appear in

Table 3. Experimentally-measured chiller properties and calculated optimal opera-
ting conditions for the two water-cooled chillers analyzed here at standard chiller
rating conditions

Chiller available Our chiller Liang and Kuehn’s chiller
(4]
Toona [°C] 29.43 933
Toas [°Cl 12.39 9.28
o [kW] 0.219 0.14
Qs [kW] 0.006 0.15
oW [kW] 0.195 0.08
AS [kW K] 0.00511 0.00279
(MCE)¢ons [KW K '] 0.838 0.463
(MCe)eray [KW K] 0.594 0.463
Qevsp (kW) 10.66 7.56
1/COP 0.373 0.263

Calculated optimal operating conditions ( from thermodynamic model)

(MCE)Z™ (kW K. '] 0.673 0.439
Qe (kW] 11.45 6.71
(1/COP)optima! 0.369 0.261
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Table 4. Comparlson between model predictions of optimal operating conditions and experimental performance data, for
commercial air-to-air split chillers [29], at rated coolant temperatures 7,4 = 35.0°C and T%,, = 27.0°C. In particular,
compare the values of measured and predicted cooling capacity (Q...,,) and COP for each chiller.

Model no. 38 38 38 38 38 38 38 38 38 38 38

PE0O08 PE009 PE010 PE012 PE015S PE0I8 PE020 PE025 PE030 PE036 PE045
Computed and measured data from manufacturer [29]:

ASin 0012 0013 0.016 0.013 0015 0.022 0.029 0.025 0028 0.043 0.066

kWK™

computed

(mCE),,, 0.781 1.021 1.101 1.224 1672 2048 2,180 2422 4772  4.055 4.898

kWK1

computed

(MCE)cona 1.739  2.053 2389 2649 2925 3731 4623 4975 5167 7.536 9.956

kWK™

computed

Qevap 18.6 233 26.0 29.1 36.6 46.5 523 58.1 733 93.0 116.0

(kW]

measured

1/COP 0.368 0.345 0361 0306 0303 0.323 0348 0309 0271  0.319 035

measured

Constraint : fixed evaporator heat exchanger thermal inventory. Optimal operating conditions for maximum COP:

Qevap 206 246 283 274
(kW]
1/COP 0.366  0.344 0360  0.306

342

0.302

45.1 54.1 534 71.6 88.8 121.9

0323  0.348 0308 0271 0.318  0.356

Table 4. In [29], sufficient experimental data were
reported for 11 air-cooled reciprocating chillers to
permit evaluation of all chiller variables listed in Table
4. In our calculation of COP, the chiller input power
does not include the small contributions from the con-
denser and evaporator fans. The close agreement
between predicted constrained optima and the actual
design operating conditions of these chillers appears
to support the assumptions about the limitations that
dictate chiller design as well as our thermodynamic
model.

Six characteristic performance curves for one of
these chillers are plotted in Fig. 6. They again point
to commercial reciprocating air-cooled chillers being
tailored to approximately maximum-COP operating
conditions. In air-cooled chillers, one expects heat
exchangers to pose a larger bottleneck effect than in
water-cooled chillers. This effect would manifest itself
in chillers operating further to the left on the charac-
teristic chiller plot, while still straddling the
maximum-COP conditions. This too appears to be
confirmed by the data-based results.

5. SUMMARY

Via detailed experimental measurements on several
representative water-cooled and air-cooled reci-
procating chillers, in concert with a general ther-
modynamic model for chiller performance, we have
highlighted some basic chiller properties and design
criteria. Specifically :

(1) Chiller performance is dominated by the com-
peting effects of heat transfer and internal fluid friction

losses. The former prevails at relatively high cooling
rates, and the latter at relatively low cooling rates.

(2) Heat leaks in commercial chillers are close to
negligible.

(3) Chiller models based on endoreversible
behavior, even when heat leaks are accounted for, fail
to account for the fundamental performance charac-
teristics of real chillers, because they omit con-
sideration of internal dissipation. Using actual chiller
data, we have shown that their predictions of
maximum COP, of cooling capacity at the maximum-

based on measured and calculated data
for split-unit, air-cooled reciprocating chiller
model number 38PE012, as reported in [29]

0.45 -
T\ 77»{:;;5;;51[

0.40
B |
a 0.35 oA f
8 ] for 6 experimental points shown: |
= 0.30 j solid points: Tcond =43.0°C
’ cpen points: Tm"d =25.0°C
|
0.25 - \G\R\,::///
I\ﬂ\——————‘/ |

S
0.025 0.030 0.035 0.040 0.045 0.050 0.055 0.060

1/(cooling capagcity) = 1/06‘1ap (KW'

Fig. 6. Characteristic chiller plot for six sets of coolant tem-
peratures for one of the split-unit air-cooled reciprocating
chillers reported in [29]. Each measured point lies on a sep-
arate curve which is calculated based on experimental
measurements. Note that chiller operation falls more to the
heat-exchanger-dominated side (i.e. to the left) of the
maximum-COP point than for the water-cooled chillers ana-
lyzed earlier.
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COP point, and of the relation between COP and
cooling capacity are markedly inaccurate.

(4) Characteristic chiller performance curves exhi-
bit a broad maximum for COP as a function of cooling
capacity and of heat exchanger thermal inventory.
Deviations from maximume-efficiency behavior are
more tolerant to deviations on the low-cooling-
capacity side, where internal losses dominate.

(5) A simple thermodynamic model can be used to
calculate optimal chiller operating conditions when
the practical constraint of fixed heat exchanger ther-
mal inventory is imposed. Predictions are in good
agreement with data-based results from commercial
chillers.

(6) In severely-limited chiller design, the example
considered here being split air-cooled units, the simple
thermodynamic model again yields predictions for
optimal operating conditions that agree well with
actual chiller designs.

(7) Commercial chillers appear to have evolved to
designs where their rated maximum-capacity oper-
ation is close to their maximum-COP point. This
refiects the empirical wisdom embedded in their design
and construction.
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